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Abstract: Hydro generator design is a significant issue in terms of safety, efficiency, and energy production sustainability.
One of the most crucial issues about design criteria is to satisfy the needs of the project’s critical speed. In this work,
the critical speed calculation of an 11 MW hydro power plant was investigated with several design steps. Numerical
solution methodologies were implemented using ARMD™. A generator design was developed, and the implementation
of the rotor was carried out in Antalya, Turkey. Vibration and displacements of the hydro generator are adequate. The
generator unit is active for 3 years and have never encountered runaway speeds. No critical speed or resonance speed is
anticipated for the designed hydro generator unit.
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1. Introduction
Large hydro turbine generator sets can balance power instantaneously at peak hours and off-hours, thus
having the ability to stabilize network frequency and perform phase angle compensation [1]. This stabilization
and compensation ability renders them crucial in power networks [2, 3]. With increasing power demands,
the replacement of these generator sets poses a unique design challenge with limitations imposed by prior
installations [4]. In this study, we consider replacing one such hydro turbine unit, built in Kepez (Antalya,
Turkey), as one of the three turbines of the Kepez-1 hydroelectric power plant. The power plant initially
provided 16 MW of power in 1958, which was upgraded to 8.8 MW per generator unit, which is 26.4 MW total,
with the increase in energy demand. Recently, under the MILHES Project, a new update was initiated for the
Kepez-1 power plant. The project aims to increase the efficiency of the hydroelectric power plant using national
resources in the design stage and the manufacturing process of new units. Accordingly, a vertical type of Francis
turbine, a synchronous generator, a speed regulator, an excitation system, and a SCADA system were designed,
manufactured, and used in the Kepez-1 power plant.

Controlling vibration is a crucial factor in the safety and stability considerations in designing a new
turbine [5–7]. Excessive vibration in the shaft of the hydro turbine generator unit could lead to malfunctions of
the system components, ultimately leading to reduced safety [8–10]. Shaft vibrations are categorized as axial,
torsional, and lateral [11]. Lateral vibration is influenced by guide-bearing stiffness, the distance of bearings,
stiffness of the shaft, the mass of rotor, system’s rotational speed, magnetic pull, hydraulic force, mechanical
force, and the eccentricity of unit shaft system [11–13]. A lateral vibration model could be used in understanding
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oscillation phenomena within the mechanism, in failure diagnosis, and the condition-based maintenance of the
power plant units [14]. However, the vibration response analysis of a hydro turbine generator unit is almost
an intractable problem due to complicated boundary conditions, external excitations, hydraulic forces, and
magnetic pull [11]. These boundary conditions are complicated due to the guide-bearing oil film forces dependent
on rotational speed and eccentricity [11]. In addition to that, external excitations are caused by mechanical
forces, which are also dependent on rotational speed [11]. In the literature, a variety of methods are introduced
to calculate the vibration response. Most of these methods include periodic excitation forces but not random
excitation forces [14–18]. Finite element methods (FEM) and transfer matrix methods (TMM) are standard
methods of modeling a shaft system [19–21]. Throughout this work, we employ FEM in our modeling and
vibrational analysis of the shaft system of the replacement turbine unit due to its greater accuracy compared
to TMM [5].

The theoretical runaway speed of a turbine is the limit of a large hydroelectric power plant’s running
speed. The previously installed turbine in the Kepez-1 power plant had a nominal speed of 750 rpm and a
runaway speed of 1360 rpm. As new design criteria, runaway speed was aimed at 1430 rpm with a 1.9 ratio
to nominal speed, and an even higher critical speed of a sizeable inertial rotor was stipulated for the recently
designed work. Average running speeds can be selected to have a higher ratio; however, submergence needs to be
deeper during operation to avoid cavitation. The main challenge in this particular mode of operation is to design
a high-speed hydro turbine generator with an increased runaway speed that must fit into the existing space
from the previous generator unit with a lower runaway speed, as the new unit must replace the previous one.
In the following sections, the design steps of the hydro turbine generator unit with the stipulations discussed
above will be detailed, and lateral vibration simulations in ARMD™ will be presented.

2. Methodology

The critical speed of a simple shaft can be determined analytically. When a shaft is in stationary condition
distance between the geometric center and center of mass is called e (eccentricity present of the shaft), the mass
of the shaft is m , the distance between the geometric center and end of the shaft is d , and spring constant of
upper and lower bearings of the shaft are ku and kl , respectively (Figure 1a). When the shaft is in rotating
condition, deflection occurs on the shaft due to angular velocity. Angular velocity is called w , deflection due to
rotation is called y (Figure 1b).

(a) Shaft in stationary condition (b) Shaft in rotating condition

Figure 1. Shaft in stationary and rotating conditions.
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In Equation 1, Fc is centrifugal force, in Equation 2, Fr is restoring force, K is stiffness of the shaft in
lateral direction. When the shaft is in rotating condition, centrifugal force should be equal to restoring force of
the shaft for the equilibrium of the system Equation 3. While rearranging Equation 3, Equation 4 and can be
calculated.

Fc = m× w2 × (y + e). (1)
.

Fr = K × y. (2)

m× w2 × y +m× w2 × e = K × y. (3)

y =
m× w2 × e

K +m× w2
=

w2×e
K/m

1− w2

K/m

. (4)

The natural frequency of a system is the frequency where the system vibrates with a maximum amplitude which
means the resonance condition of the system. For this simple shaft system value of angular frequency (Wn )

which makes deflection (y ) maximum is
√

K
m Equation 5. Combining Equations ?? and 5, Equation 6 can be

established.

Wn =

√
K

m
. (5)

y =

w2×e
W 2

n

1− w2

W 2
n

. (6)

The stiffness of the shaft is computed as in Equation 7, where W is the weight of the shaft, ξ is the static
deflection of the shaft due to weight, and g is the gravitational acceleration. Static deflection of a simply
supported beam where the load is at the center of the beam is given in Equation 8. l is the length of the
beam, E is Young’s modulus, and I is inertia. The inertia of a simply supported beam can be evaluated as in
Equation 9, where d is the radius of the beam.

K =

√
W
ξ
m

=

√
m× g

ξ ×m
=

√
g

ξ
. (7)

ξ =
W × l3

48× E × I
. (8)

I =
π

64
× d4. (9)

3. Simulation results and discussion
The rotor of the replacement unit consists of the turbine runner and the rotor of the generator. The generator
rotor has two guide bearings: the upper guide bearing, which is located above the rotor poles, and the lower
guide bearing, below the generator (Figure 2a). The third radial bearing is on the turbine side. The upper
and lower guide bearings are center-pivoted, tilting-pad bearings. The upper bearing has four guide pads. On

646



PEHLİVAN et al./Turk J Elec Eng & Comp Sci

the other hand, the lower guide bearing has two guide pads at the same time. The turbine guide bearing is a
circular bearing that has two arcs. The thrust bearing is also a center pivoted, tilting pad bearing with twelve
pads. All three bearings on the unit’s rotor are used to damp the dynamic effects, the calculation of which
includes the stiffness and damping coefficients of the oil film between the bearing pads and the rotor shafts.

The analysis was done for lateral and torsional critical speed since those loadings are dominant in
operation due to rotational behavior. For lateral vibrations, two cases were considered, with and without the
influence of magnetic field. The nominal speed for the observed geometry of the turbine–generator unit was 750
rpm, while the theoretical runaway speed was 1430 rpm. According to design requirements for lateral vibrations,
the first critical speed of the turbine–generator unit had to be at least 20% greater than theoretical runaway
speed, for the turbine used in this work, it must be greater than 1716 rpm. Moreover, according to design
requirements for torsional vibrations, the first critical speed had to be safely removed from exciting frequencies,
including the nominal speed of 750 rpm, the theoretical runaway speed of 1430 rpm, twice the nominal speed
of 1500 rpm, and the grid frequency of 50 Hz. Critical speed analysis was performed using the ARMD V5.7
application from RBTS Inc. The software is based on finite element method using Euler–Bernoulli-based beam
elements for shaft discretization. In other words, vibration analysis was performed using a linear material model.
The material used in the analysis was AISI 4140 alloy steel with material properties relevant to linear theory
given by E = 210000N/mm2 (Young’s modulus), = 0.3 (Poisson’s ratio), and G = 80769N/mm2 , (Shear
modulus) and all electrical systems are chosen to be copper. Bearing characteristics are calculated with the help
of hydrodynamic analysis, stiffness and damping values are calculated for 750 rpm, 1430 rpm, and 1630 rpm
speeds, that are nominal speed, theoretical runaway speed, and estimated first critical speed of the generator.

There were three main stages in the design process. In order to achieve the project’s design requirements,
three significant attempts were completed with finite element model simulations. In the initial design attempt,
the length of the shaft was larger than 4 m due to different physical design necessities, such as the upper bracket
design was not converged and longer than the final one. The distance between the bearings was 3810 mm.

At this design stage, the result of rotor dynamics was investigated with simulations. Results showed that
the design requirements were not achieved with this initial design. In the second design stage, the distance
between bearings was aimed to diminish with some consecutive design changes on the stator frame and upper
bearing. The distance between bearings was reduced to 3440 mm. With this design attempt, the requirement
for critical speed, which needs to be around 1710 rpm, was not achieved. In the final stage of design changes,
the main aim was achieved by reducing the bearing distance to 2481 mm with substantial design changes.
Shortening the length of the rotor also necessitates design changes on the stator frame and brackets. At this
design stage, numerical calculations for rotor dynamics were also conducted, and sufficient critical speed was
achieved.

3.1. First design attempt

Radial stiffness and damping components, which were calculated with spring constants of lower and upper guide
bearings and brackets, applied as boundary conditions to upper and lower guide bearings.

In Figure 2b, the model used for lateral vibration analysis is presented in 2D. This model includes two
generator bearings (upper bearing – UGB and lower bearing – LGB) and one turbine bearing (TB). Discs
represented additional masses (generator rotor and turbine runner). The generator rotor has a mass of 30,700
kg, and the turbine runner has a mass of 1410 kg.

Since fluid film bearings used in the system are flexible, their dynamic characteristics are defined using
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(a) Generator cross section.

(b) Model used for lateral critical speed calculation

on first design attempt..

Figure 2. Generator cross section and model used for lateral critical speed calculation.

stiffness coefficient k[N/m] and damping coefficient c[Ns/m] in the two perpendicular radial directions for
planar motion (horizontal and vertical). The supplying companies provided the values of stiffness and damping
matrices which were 2 by 2 matrices. Stiffness and damping values depend primarily on the bearing design and
shaft speed of rotation such as the nominal speed. The influence of the magnetic field was modeled similarly
as with the modeling of the bearings employing stiffness. However, the values of the stiffness matrix must
be negative since the magnetic field creates additional electromagnetic force perpendicular to the shaft, which
influences the value of lateral vibrations such as the critical speed. The value of the stiffness due to the magnetic
field was 0.086 MN/mm. Besides, the contribution of the generator bearing support structure was considered by
defining stiffness matrices for each bearing housings (UGB, LGB, and TB) and the overall mass of the bearing
support structure in two perpendicular directions (Figure 3a). Unbalanced vibrations result from an unbalanced
force or unbalanced moment. An unbalanced force arises from the eccentricity of the mass center of the rotating
parts, while an unbalanced moment arises when the rotating part (disc) is not mounted perpendicular to the
axis of rotation of the shaft. Since unbalanced vibrations are something that cannot be neglected, this is also
included when defining analysis parameters by defining unbalance as in ((10)).

U = m× e. (10)

Where m is the mass of the rotor, and e is the eccentricity that defines the real mass center. Another
factor with a significant influence on the critical speed is the gyroscopic effect, which was also considered by
defining moments of inertia for rotating parts represented as discs in the numerical model. The model involves
an assumption that the shaft is rotationally symmetric. With all these factors included and modeled at the
software ARMD, lateral critical speed analysis results without the influence of magnetic field are presented in
Figure 3a and Table 1.

Figure 3a and Table 1 show that the first lateral critical speed is 948 rpm with an undetermined direction
of precession, while the second is 1063 rpm with forward precession, meaning that the direction of rotation of the
orbit (elliptical curve) due to eccentricity is the same as the direction of shaft rotation. If we have a situation
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(a) First lateral mode without magnetic field

( n 0 = 948 rpm, ξ = 0 .3141)

(b) First lateral mode with magnetic field ( n 0 =

811 rpm, ξ = 0 .231)

Figure 3. First lateral mode with and without magnetic field.

Table 1. Lateral critical speed calculation results without magnetic field.

Critical speed (rpm) Damping value (ξ)
First lateral mode 948 0.3141
Second lateral mode 1063 0.308
Third lateral mode 1594 0.457

with counter rotations, that would be a backward or reverse precession, meaning that the solution to the
eigenvalue problem such that the natural frequency is negative. Since 750 rpm is not in the vicinity of the first
lateral critical speed, an unbalanced response analysis was performed. With the aim of running the unbalance
analysis, dynamic properties for all previously mentioned factors such as unbalanced magnetic field and bearing
stiffnesses influencing the critical speed had to be defined for three speed values. For the initial speed value,
a nominal speed of 750 rpm was chosen; similarly, the intermediate and final speed values 1430 rpm and 1650
rpm were assigned, with several speed increments set to 50. Unbalanced response analysis calculates vibratory
amplitudes and phases at all locations along the shaft for a defined range of rotational speeds, presented in
Figure 7a for the positions where the bearings are located (UGB, LGB, and TB). Unbalanced response solution
indicates that critical speed occurs around 1130 rpm, the value at which the vibration amplitude is maximum
that was taken as the final value for the case without the influence of the magnetic field.

(a) Response without magnetic field ( n 0 = 1130 rpm).

rpm).

(b) Response with magnetic field ( n 0 = 1050 rpm).

rpm).

Figure 4. Response with and without magnetic field.

Lateral critical speed analysis results for the case with the influence of magnetic field are presented in
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Table 2. Lateral critical speed calculation results with magnetic field.

Critical speed (rpm) Damping value (ξ)
First lateral mode 811 0.231
Second lateral mode 902 0.229
Third lateral mode 1617 0.440

Figure 3b and Table 2. The first lateral critical speed is 811 rpm with forward precession. This critical speed
refers to the case without the influence of the magnetic field. Since 750 rpm is again not close to the first
lateral critical speed, response analysis was performed for the same range of speeds. Unbalanced response
analysis results for the case with magnetic field are presented in Figure 7b for the bearings’ three positions.
Unbalanced response solution indicates that critical speed occurs around 1050 rpm, the value at which the
vibration amplitude is maximum which was taken as the final value for the case with the influence of the
magnetic field.

The same model for lateral vibrations was used for torsional vibration analysis. However, for this type
of vibration analysis, not all the factors mentioned above affect the value of critical torsional speed for instance
the natural frequency, since this type of analysis is one order lower than the lateral vibrations. Hence, fewer
input files are required for the definition of the model. In general, the polar moment of inertia for rotating parts
and material properties alongside the geometry of the turbine is not necessary for computation. The generator
unit is all the requirement. Torsional critical speed analysis results are presented in Figures 5a and 5b.

(a) First torsional mode ( n
0
= 2286 rpm) (b) Second torsional mode ( n

0
= 11277 rpm).

Figure 5. First and second torsional modes.

3.2. Second design attempt

In the second design attempt, an increase of a factor of two in the upper bearing UGB oil film stiffness was
proposed, for which an increase of 100 rpm in the first lateral critical speed was predicted. Additionally, a
100 rpm increase in the first lateral critical speed was predicted. Second design model for lateral vibration
analysis was obtained after shortening the shaft length by about 400 mm, reducing the shaft diameter in the
rotor position from 650 to 500 mm, moving lower bearing LGB position for around 150 mm up and applying
various other updates, alongside changing the stiffness of generator bearing support structure (Figure 6).

The overall mass of all rotating parts in second model is 28,680 kg instead of 34,280 kg in first model, thus
leading to a mass reduction of around 16%. Lateral critical speed analysis results with the changes mentioned
above included and modeled. Simulation models without the influence of the magnetic field are presented in
Figure 7a and Table 3.
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Figure 6. Model used for lateral critical speed calculation on second design attempt.

(a) First lateral mode without magnetic field

( n 0 = 1163 rpm, ξ = 0 .434).

(b) First lateral mode with magnetic field ( n 0 =

975 rpm, ξ = 0 .508).

Figure 7. First lateral mode with and without magnetic field.

Table 3. Lateral critical speed calculation results without magnetic field.

Critical speed (rpm) Damping value (ξ)
First lateral mode 1163 0.434
Second lateral mode 1423 0.418
Third lateral mode 1577 0.437

As seen in Figure 7a, the first lateral critical speed is at 1163 rpm with forward precession, which is higher
than in the first design attempt. Since 750 rpm is again not in the vicinity of the first lateral critical speed,
unbalanced response analysis was performed. Dynamic properties for all factors influencing critical speed were
selected for three speeds: A nominal speed of 750 rpm for the initial speed, 1430 rpm for the medium speed,
and 2500 rpm for the final speed, with the number of speed increments equal to 50, same as in the previous
stage. Unbalanced response analysis results for the case without magnetic field are presented in Figure 8a for
the bearing locations. Unbalanced response solution indicated that critical speed occurs around 1600 rpm, the
value at which the vibration amplitude is maximum, taken as the final value for the case without the influence
of the magnetic field.

Lateral critical speed analysis results for the case with the influence of magnetic field for second design
attempt geometry of turbine and generator unit are presented in Figure 7b and Table 4.

As seen in Figure 7b and Table 4, the first lateral critical speed is 975 rpm with an undetermined direction
of precession, which is lower than the case with no influence of the magnetic field but more extensive than the
critical speed found in the first design step. Unbalanced response analysis was performed since 975 rpm is far
from the first lateral critical speed which is 750 rpm. Results of the analysis for the case with magnetic field
are presented in Figure 8b for different positions of the bearings. The critical speed value obtained from this
analysis, i.e. the speed at which the vibration amplitude is maximum (1520 rpm), was taken as the final value
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(a) Unbalanced response without magnetic field

( n 0 = 1600 rpm).

(b) Unbalanced response with magnetic field

( n 0 = 1520 rpm).

Figure 8. Unbalanced response with and without magnetic field.

Table 4. Lateral critical speed calculation results with magnetic field.

Critical speed (rpm) Damping value (ξ)
First lateral mode 975 0.508
Second lateral mode 1265 0.481
Third lateral mode 1576 0.436

for the case with the influence of the magnetic field.
Torsional critical speed analysis results for applied geometry and stiffness changes on turbine–generator

unit are presented in Figures 9a and 9b.

(a) First torsional mode ( n 0 = 2305 rpm) (b) Second torsional mode ( n 0 = 15242 rpm).

Figure 9. First and second torsional modes.

Based on the calculations presented for critical lateral speeds, it was concluded that the first critical
speed occurs at 1520 rpm and that the value is again below the requirement which was 1716 rpm. However,
considering that the first critical speed for this second design step is above the load rejection speed as opposed to
that of the first design step and 12% above the theoretical runaway speed, the conclusion was that the generator
should work accurately. Based on the calculations presented for critical torsional speeds, it was concluded that
the first critical speed occurs around 2305 rpm and is safely separated from the exciting frequencies of the
highest value of 1500 rpm.
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3.3. Final design attempt
Considering that the value of lateral critical speed still was not satisfying the exact design criteria, alterations
are made on the turbine generator model. The length of the shaft is shortened by approximately 20 mm. The
diameter of the shaft flange is increased from 600 to 700 mm. The UGB position is moved up by approximately
10 mm, and the LGB position is moved approximately 7 mm down. After various other updates, such as
changing the stiffness of generator bearing support structure at the upper and lower bearing positions, the final
design step model for lateral vibration analysis was obtained and is presented in Figure 10.

(a) First lateral mode without magnetic field

( n 0 ( n 0= 1157 rpm, ξ = 0 .434).

(b) First lateral mode with magnetic field

= 967 rpm, ξ = 0 .509).

Figure 10. Model used for lateral critical speed calculation on final design attempt.

The overall mass of all rotating parts in the final design stage is 28,780 kg instead of 28,680 kg, which
is the mass in second design stage, which resulted from dimension changes. With all the changes included
and modeled, the lateral critical speed analysis results without the influence of magnetic field are presented in
Figure 11a and Table 5.

(a) First lateral mode without magnetic field

( n 0 = 1157 rpm, ξ = 0 .434).

(b) First lateral mode with magnetic field
(n 0 = 967 rpm, ξ = 0 .509).

Figure 11. First lateral mode with and without magnetic field.

Table 5. Lateral critical speed calculation results without magnetic field.

Critical speed (rpm) Damping value (ξ)
First lateral mode 1157 0.434
Second lateral mode 1409 0.420
Third lateral mode 1574 0.433

As shown in Figure 11a, the first lateral critical speed is 1157 rpm with forward whirl, which is higher
than in the first design phase but lower than in the second design phase. Response analysis was performed to
find the value for the lateral critical speed. Dynamic properties for all factors influencing the critical speed were
defined within the same speed range as in the previous stage. Response analysis results for the case without
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magnetic field are presented in Figure 12a for positions where bearings are located as Figure 11a. Response
solution points out that critical speed occurs around 1570 rpm, the value at which the vibration amplitude is
maximum which was taken as the final value for the case without the influence of the magnetic field.

(a) Response without magnetic field ( n 0 = 1570 rpm) (b) Response with magnetic field ( n 0 = 1500 rpm)

Figure 12. Response with and without magnetic field.

Lateral critical speed analysis results for the case with the influence of magnetic field for final stage
turbine and generator unit are presented in Figure 11b and Table 6. The first lateral critical speed is 967 rpm
with an undetermined direction of precession and is lower than the one in the case without the influence of the
magnetic field. The first lateral critical speed is also slightly lower than that of the second design phase but
again higher than that of the first design stage. Response analysis was performed to find the value for lateral
critical speed. This analysis for the case with the magnetic field is presented in Figure 12b for various positions
of bearings. Response solution indicates that critical speed occurs at approximately 1500 rpm, the value at
which the vibration amplitude is maximum which was taken as the final value for the case with the influence of
the magnetic field.

Table 6. Lateral critical speed calculation results with magnetic field.

Critical speed (rpm) Damping value (ξ)
First lateral mode 967 0.509
Second lateral mode 1259 0.484
Third lateral mode 1573 0.433

Torsional critical speed analysis results for applied geometry and stiffness changes on turbine and gener-
ator unit in the final design phase are presented in Figure 13a and 13b. Based on the calculations presented for
critical lateral speeds, it was calculated that the first critical speed occurs around 1570 rpm and that the value
is below design criteria which were 1716 rpm. Considering that the first critical speed for this design attempt,
as opposed to first design attempt, is above load rejection speed and is 10% above the theoretical runaway
speed, the conclusion was made that the generator should work accurately. Based on the calculations presented
for critical torsional speeds, it is concluded that the first critical speed occurs around 2294 rpm and is safely
separated from exciting frequencies whose highest value is 1500 rpm.
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(a) First torsional mode ( n 0 = 2294 rpm) (b) Second torsional mode ( n 0 = 12240 rpm).

Figure 13. First and second torsional modes.

4. Implementation results and discussion
In this section, implementation results will be presented. The new hydro generator unit designed and imple-
mented at Kepez with active power of the 9.3 MW (see Figure 14a), previous unit had an active power of 8.8
MW. Nominal speed of working rotor can be seen in Figure 14b as 750 RPM.

In Figures 15a to 16a, bearing displacements of the rotor is presented. In Figures 15a, x-axis and y-axis
displacement of upper guide bearing is shown. x-axis displacement is around 65 µm and y-axis displacement is
around 80 µm. Lower guide bearing displacement data is given in Figures 15b. x- axis displacement is around
110 µm and y-axis displacement is around 105 µm. In Figure 16a, turbine bearing displacement is presented,
x-axis average displacement of turbine bearing is settled to 55 µm and average y-axis displacement is settled to
43 µm.

(a) Active power graph of the rotor. (b) Nominal speed data of the rotor.

Figure 14. Results of hydro power plant.

Bearing vibration data is given in Figure 16b. Upper guide bearing vibration is represented by blue line
in the figure and it changes between 0.3 and 0.2 mm/s2 . Lower guide vibration is presented by red line and
it changes between 0.2 and 0.1 mm/s2 . Finally, green line presents turbine bearing vibration, and it changes
between 0.3 and 0.1 mm/s2 .

As has been shown in figures, vibration and displacements of the unit are much lower than the desired
values. The unit is under operation and had never encountered of runaway speeds. No critical speed or resonance
speed are expected for the new designed unit.
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(a) Upper guide bearing displacement. (b) Lower guide bearing displacement.

Figure 15. Results of hydro power plant.

(a) Turbine bearing displacement (blue line is

x-axis displacement, red line is y-axis displace-

ment).

(b) Bearing vibration graph for upper guide

bearing (blue), lower guide bearing (red) and

turbine bearing (green).

Figure 16. Results of hydro-power plant.

5. Conclusion
In numerical calculations, the first designed system discussed above is failing to meet design specifications. The
distance between the shaft and the bearings in the first designed system is 3810 mm (see Figure 17a). This
number was chosen due to the practicality of assembly and placement. However, critical speed specifications
cannot be met with this design.

Distance between bearings is one of the issues that contribute to the bearing instability problem since
the distance between supporting points is directly proportional to the stiffness of the rotor system. Bearing
distance reduction leads to a stiffer and more robust rotor design, which meets the design requirements. A new
design is produced with a shorter distance between lower and upper guide bearings. As shown in Figure 17b, in
the latest design, the distance is 2450 mm. Reducing the distance between guide bearings changes every design
parameter. For this reason, all static parts that hold rotor and bearings must be and were redesigned.
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In addition to decreasing the distance between bearings, the bearings’ oil was changed from ISO VG 68
to ISO VG 46. The oil film damping and stiffness changes due to the viscosity of the oil type, and VG 46
possesses a larger spring constant of dynamic oil film than VG 68. The change in oil type was thus implemented
to increase the oil film damping and stiffness. These alterations resulted in reaching critical speed specifications.

After design criteria was met, the hydro generator design was completed, and the implementation of the
rotor was carried out. As has been shown in figures, vibration and displacements of the unit are much lower
than the desired values. The unit is under operation and had never encountered runaway speeds. Vibration
and displacement data of the implemented hydro unit indicate that the design is effective, and critical speed or
resonance speed is not expected for the designed generator unit.

In terms of safety against resonance, the newly refurbished generator has a more secure design while the
critical speed of the generator was designed 10% higher than the previous generator whereas the volume of the
rotor was decreased. Therefore, economically more efficient manufacturing was accomplished. Moreover, the
generator’s efficiency has improved from 95% to 98.5%. In addition, the possibility of resonance situation has
been significantly decreased which leads to longer lifespan for the generator.

(a) Initial design phase with longer bearing distance (b) Final design phase with shorter bearing design.

Figure 17. Initial and final turbine designs.
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